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The feasibility of using proof-mass actuators to control noise transmission actively into a small rocket fairing,
given practical constraints on actuator power and mass, is explored. The modal-interaction approach was used
to develop a fully coupled structural-acoustic state-space model that relates the out-of-plane structural modal
velocities to the spatially varying pressure response in the cavity. The dynamics of the proof-mass actuators were
included in the structural-acoustic model. The modal-interaction approach also allowed the decomposition of the
acoustic response into radiation modes, which proved essential for determining the optimal locations for sensors
and actuators. Numerical simulations using linear quadratic Gaussian controllers with collocated proof-mass
actuators and displacement sensors demonstrated approximately 4.2 dB of attenuation over the 300-Hz bandwid th
for the given actuator constraints. However, this was only slightly more than the attenuation provided by the passive

effects of the proof-mass actuators, which was approximately 3.5 dB.

Nomenclature

composite stiffness matrices; extensional
stiffness, coupling stiffness, and bending
stiffness matrix, respectively

state-space realization of the proof-mass actuator
model

state-space realization of the acoustic model
state-space realization of the structural model
(nondimensionalized) actuator input coupling
matrix

matrix relating the interior acoustic response
to the force loading at the structural nodes
vector used to define the velocity difference
in the proof-mass actuator model

reduced output matrix used to compute the
pressure acting at the structural nodes

sound speed in air, m/s

acoustic potential energy, J

diagonal structural-acousticcoupling matrix,
kg/m?/s

force generated by a proof-mass actuator, N
coupling matrix relating interior pressure

to structural velocities

matrix relating disturbanceinputs at nodes

to structural modal response

actuator current, A

control law performance metric

coil inductance of a proof-mass actuator, H
proof-mass actuator mass, kg; damping, N - s/m;
and stiffness, N/m, respectively

structural system mass, kg; damping, N - s/m;
and stiffness, N/m, respectively
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column vector giving the pressure at each of the b
nodes of the acoustic finite element model, N/m?
state vector weighting penalty

state vector

coil resistance of a proof-mass actuator, 2

¢ x ¢ nondimensional diagonal matrix that gives
the area associated with each structural node as a
fraction of the total surface area

control-effort weighting penalty

state vector of the acoustic system

surface area of structure, m?
matrix of eigenvalues,s™>
Laplace variable, s~!

matrix of eigenvectors,s - kg
control inputs, that is, voltage applied to
proof-mass actuators, V

b x b diagonal matrix where the ith diagonal
element is the acoustic volume associated with the
ith node, m?

voltage applied to a proof-mass actuator, V
vector of pressure inputs, N/m?

m x 1 column vector of modal out-of-plane
structural velocities, m/s

structural state vector

vector of structural displacements

system displacement, m

actuator displacement, m

vector of structural displacement outputs

vector of acoustic pressure outputs

state vector of the coupled system

modal loss factor of the ith cavity mode (damping
ratio)

modal volumes of the ith cavity mode, m3
weighting matrix relating structural velocities

to acoustic potential energy, kg

air density, kg/m®

b x n acoustic mode shape matrix for n unity
normalized acoustic modes and for m structural
modes

¢ X n acoustic mode shape matrix for the ¢
acoustic nodes that are coincident with structural
nodes

1/2
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o} = ith acoustic mode shape

v = ¢ x m matrix of structural mode shapes
orthonormalized with respect to the mass matrix
for ¢ structural nodes

v = actuator constant, N/A
; = acoustic natural frequency of the ith cavity mode,
rad/s

Superscripts

H Hermitian transpose operator
T = transpose operator

Introduction

N important cause for the failure of many satellites and other

launch payloads is the extreme vibrational loading that the
payload is subjected to during launch.! The predominant source
of these vibrations is the explosive reaction of the rocket motors,
but aerodynamic buffeting and shocks from stage separations also
contribute. The payload may be damaged directly from structural
vibrations transmitted through the apparatus attaching the payload
to the fairing and from vibrationinduced by the high-level acoustic
environment within the fairing.

As industry and governmentmove toward larger, lightweightfair-
ings, the problem is exacerbated. Furthermore, due to the high costs
involved with payload launches, mass and volume are critical quan-
tities that limit the amount of passive treatment that can be added to
protectthe payload. Therefore, active control technologiesare being
considered to reduce acoustic and structural vibration loading 2~®
Active control is more suitable to attenuate noise below 200 Hz,
where passive treatmentsare not practicaldue to volume constraints.

Itis the authors’ positionthat feedforwardcontrolstrategiesdo not
appear to be practicalbecauseit would be difficult, if notimpossible,
to obtain a coherent measurement of the stochastic disturbance in
advance of the control signal or to measure directly the quantity
being controlled. The assumption that these measurements are not
practical is based on the desire to impose little or no additional
interface requirements on the launch vehicle. Therefore, it is not
realisticto expectthe inclusionof an array of sensorsor microphones
outside the fairing or throughout the fairing interior as part of a
practical active noise control system.

The present work considers the use of feedback control using
collocated displacement sensors and proof-mass actuators attached
to the fairing. Constraints are placed on the controller that limit the
number of actuators and the power available for control to establish
a reasonable performance expectation for an actual application. In
the following,a fully coupledstructural-acousticmodel is developed
by using a modal-interaction approach’ and is compared to corre-
sponding finite element models generated by using NASTRAN.?
Modeling of the proof-mass actuators and coupling their dynamics
into the structural-acousticmodel is also presented. Sensor and ac-
tuator placementto control optimally the dominantstructuralmodes
contributing to the dominant acoustic modes is discussed. A model
of a realistic, spatially varying acoustic disturbance is developed
and used to predict the fairing response at high excitation levels.
Design and implementation of dynamic, linear quadratic Gaussian
(LQG) control laws that balance control performance and control
effort are briefly discussed. Finally, simulations and analysis are
presented to indicate reasonable performance expectations for the
constrainedactive control approach using proof-mass actuators and
that illustrate important considerations for the fairing noise control
problem.

Modeling of the Launch Vehicle Fairing

The modal-interactionapproach for the prediction of the interior
acoustic response resulting from structural excitation is an alterna-
tive method to the fully coupled finite element analysis and is used
herein. The modal-interaction approach requires solving both the
in-vacuo structural and rigid-wall acoustic cavity problems. These
results are then combined to give the solution to the fully cou-
pled problem.” This method is computationally less intensive and
yields significantly shorter solution times'® than the fully coupled

finite element problem, which requires the fluid-loaded structural
mode shapes and flexible boundary acoustic modes. Note that UAI
NASTRAN and other commercially available finite element mod-
eling codes also permit a similar analysis, referred to as a modal
method, which results in similar gains in computational efficiency.
The primary advantage of the modal-interactionmethod, in the con-
text of structural-acousticcontrol, is the reformulation of the prob-
lem into radiation modes, which will be shown to facilitate greatly
efficientplacementof sensorsand actuatorsforactivecontroldesign.

Structural Model

The composite fairing structure was designed to sustain the aero-
dynamicloads expectedduring the launch of a small fairing. The de-
sign processresulted in the composite stiffness matrices!! A, B, and
D. The next stepin modeling the fairing was to determine a grid/skin
combination, which provided the required composite stiffness ma-
trices. At the time of this work, these matrices had been determined
for the composite fairing, but the final grid/skin combinationhad not.
The geometry had also been determined. In this paper, the modeling
of the fairing was done by using the correct A, B, and D matrices
and the correct final geometry, but the grid/skin combination was
homogenized, or smeared, into anisotropic shell elements, which
only required the geometry and composite stiffness matrices as in-
puts. The advantage of this method is that it correctly predicts the
mode shapes and frequencies of the structural model with fewer el-
ements than a structural model including both the grid and the skin
explicitly. The disadvantageis that the local stresses in the skin and
the ribs could not be accurately recovered. However, because the
local stresses were not required for the structural-acoustic model,
this method was entirely sufficient.

Figure 1 presents the geometry of the launch vehicle fairing. The
bottom of the fairing was modeled as being rigidly attached to a
circular plate, which prevented any motion of the bottom nodes.
The rationale behind this selection of boundary conditions was that
the majority of the strain energy associated with the structural mo-
tion relevant to the acoustic problem occurs in the walls of the
fairing and not at the base.> Given that the geometry, mechanical
properties, and boundary conditions of the fairing had been incor-
porated into a structural finite element model, the next step was to
solve the eigenvalue problem and compute the associated in-vacuo
mode shapes and modal (natural) frequencies. The mode shapes
and natural frequencies were then combined to form a multiple-
input/multiple-output state-space model with pressure or force at
the fairing surface as the inputs and structural displacementsas out-
puts. The resulting state-space model is expressed as

w=Aw + Hy, y=Cw (1)

where w is the 2m x 1 structural state vector with m modes, given

as
- [x] )
X

wherex andx arethe m x 1 out-of-planestructuraldisplacementand
velocity vectors, respectively. Here, out-of-plane motion is defined
to be normal to the tangent plane at any point on the fairing surface.
The output y is a vector of structural out-of-plane displacement
sensor outputs, and v is a vector of pressure (disturbance) inputs.

sub-volume |
Fig. 1 Geometry of the launch vehicle M 533 m
fairing. l

— 1.55m —
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The columns of the H matrix are made up of the out-of-plane vector
displacements associated with each mode multiplied by the nodal
area associated with the corresponding structural node.

Acoustic Model

The remaining part of the modeling problem is the air cavity
enclosed by the fairing structure. If a finite element model is used to
obtaintherigid-wallacousticmode shapesandresonantfrequencies,
the equation that relates the modal out-of-planestructural velocities
to the vector of pressures within the cavity is!'?

p=DFGy, (3)

The matrix F is an n x n diagonal matrix whose elements are
given by

2
R S
F= A% @)
Ai(s2 +2¢w;s + a)lz)

An approximation of A; that is available from the finite element
model is

A~ @V )

An approximation for the n x m coupling matrix G that uses both
the acoustic and the structural finite element modeling results is
given by

G~ O 'RY (6)

Equation (3) can be converted to a minimal realization multiple-
input/multiple-output, state-space model that is relatively insensi-
tive to mathematical precision, as described in Ref. 12. The state-
space model of the acoustic system can be expressed as

F=Ar+B'w, p=C'r @)
where A’ is a 2n x 2n system matrix for n acoustic modes and r is
the state vector of the acoustic system model. Because the model
realization is not unique, r has no direct physical meaning. The B”
matrix has zeros in the first m columns so that the out-of-plane
structural velocities v, are the only inputs to the system in Eq. (7).

Fully Coupled Model

To represent the fully coupled behavior of the system, the struc-
tural state-space model must include the acoustic pressure inputs
resulting from the radiation state-space model. If C"” is defined as
the reduced C” matrix from Eq. (7), which gives only the pressure
acting at the structural nodes, the resulting force at the structural
nodes is —VASC"r. Equation (1) can then be expressed as

w=Aw + B"r + Hv, y=Cw 8)
where B” = —WASC". The fully coupled model can now be as-
sembled by combining Egs. (7) and (8) as

. A BH/ + B + H
z - B// A/ z 0 u v

y=[0 C"z )

w
z=|: i| (10)
r

and B is a matrix that converts the control inputs u into force inputs
at the structural nodes.

The fully coupled model given by Eq. (9) was compared to the
fully coupled model solved with NASTRAN. The comparison was
doneby calculatingand comparing the responsesat pointsin the cav-
ity due to arandom structuraldisturbanceat a locationon the fairing
for the different modeling approaches. The response at a represen-
tative point within the cavity is compared with two corresponding

y=[C 0]z,

where
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NASTRAN predictionsin Fig. 2. The curve labeled NASTRAN 1
solved the fully coupled problem by using the direct method.® The
curve labeled NASTRAN 2 used the modal method,? which post-
couples the solutions of the in-vacuo structural and the rigid-wall
acoustic problems. The curve labeled Modal Inter. used the modal-
interactionmodel given by Eq. (9). The agreement between all three
curves is good in the desired bandwidth, that is, from 50 to 300 Hz.

Anotherimportantissue was to determine the number of structural
and acousticmodes necessary to have an accurate state-spacemodel.
Thus, a series of fully coupled response calculations were made and
compared to the response computed using a 400-mode NASTRAN
model. The number of structural and acoustic modes used in the
modal-interactionmodel was varied, and in each case the rms of the
interior pressure response was calculated for the bandwidth below
300Hz. Figure 3 presentsthe ratio of the averaged pressureresponse
using the modal-interaction models to the response computed us-
ing a 400-mode NASTRAN model. This shows the influence of the
number of modes retained in the model on the spatially averagedin-
terior pressureresponse. Based on these computations, the retention
of 100 modes (50 structural and 50 acoustic) was deemed adequate,
which yielded an error in the rms pressure of less than 5% when
compared to the 400-mode model.

Controller Development

Sensor and Actuator Placement

The method used to place sensors and actuators was taken from
previous work based on the acoustic potential energy within a sub-
volume of the fairing.>!%1> Similar to the free-space radiation prob-
lem, the cavity transmission problem can be transformed into radi-
ation modes. For a given subvolume within the fairing (see Fig. 1),
the modal expansion for the acoustic potential energy E, is

Ep:vllfl—Iv,, (1D

The matrix IT can be diagonalized by the orthonormal trans-
formation

IT=usu* (12)

The real diagonal matrix S contains eigenvalues that can be con-
sidered as radiation efficiencies of each radiation mode at a given
frequency. The correspondingeigenvectors that make up U give the
level of participationof each structural mode in the radiation mode.
The solution of Eq. (12) at the frequencies corresponding to the
dominant acoustic modes gives a relative measure of the efficiency
of each radiation mode for the respective acoustic modes. From
this analysis, the radiation modes that dominate the overall acoustic
response can be determined. The relative contributionof each struc-
tural mode to the dominant radiation modes can be obtained from
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the correspondingeigenvector. With focus on controlling the struc-
tural modes that most significantly couple to the dominant radiation
modes, the acoustic response in the cavity can be reduced. Conse-
quently, locations that couple well with these particular structural
modes are optimal positions for structural sensors and actuators. Po-
sitions where there is significant overlap of out-of-plane displace-
ment for all of the dominant structural modes can be rank ordered
and assigned as necessary depending on the number of sensors and
actuators available for control.

Actuator and Sensor Modeling

Because the control actuator that was selected for this work was
a proof-mass actuator (PMA), the addition of one PMA will first be
described for a single-degree-of-freedom structural model and then
generalized to include multiple PMAs for the coupled structural-
acoustic fairing model. When a PMA is added to the single-degree-
of-freedom spring-mass-damper system shown in Fig. 4, the re-
sponse of the system can be described by the following second-order
differential equations:

MXo (1) = =Co[X%, (1) =X (O] = ko [x, (1) —x (O] + f(0)
myx(t) = —cx(t) — kx(t) + ¢, [x,(r) — x(1)]

+kalx. (1) —x(O] = f(©) (13)

The electromechanicaldynamics of the PMA can be modeled using
a single Kirchhoff’s voltage law loop equation:

. di(r) . .
va(t)=Rl(t)-i-LT-i-I//[xa(t)—x(t)] (14)

The force applied by the PMA, f(¢), is given as
f@) =i (15)

The relative motion between the two masses creates a feedback
effect called the back-emf, which affects the force applied to the
structure m,. This system can be modeled with the block diagram
formulation presentedin Fig. 5. Block 2 of Fig. 5 representsa state-
space realization (4,, B,) of the equations of motion presented in
Eq. (13), where the state vector ¢ is defined as

Qk =

9= . (16)

=

-
1)

and the C, matrix is used to define the desired system outputs. The
C,, matrix is defined as

C,=[0 0 1 —1] a7n

x b

¢y 1=V i)

Fig. 4 Proof-mass actuator applied to
a single-degree-of-freedom system. <4 mg
cll k
TITT77:
4
va L f() yout(t)

Al By A; B
I o0
Block 2

Block 1

Fig. 5 Block diagram representation of the coupled actuator-
structural system.

to provide feedback of the difference in velocities. Solving Eq. (14)
for i(t) and substituting into Eq. (15) and then taking the Laplace
transform yields the following expression for the force acting on the
system:

F(s) =[¥/(R+sL)I{Va(s) — ¥s[Xa(s) — X ()]} (18)

where s[ X, (s) — X (s)] represents the Laplace transform of the dif-
ference in velocities. From Eq. (18), it is apparent that block 1
represents a state-space realization of the transfer function

v/(R+sL)

To generalize this approach to the coupled structural-acoustic
fairing model, the transfer function in block 1 is converted into a
multi-input/multi-output state-space model that reflects the same
force-to-voltagerelationship for each independentvoltage (control)
input. The A, and B, matrices of the state-space model in block 2
are replaced with the corresponding system matrices from Eq. (9).
Substitutingthe appropriatequantitiesinto the blocksin Fig. 5 yields
the fully coupled multi-input/multi-output state-space model using
PMAs as control actuators.

Realistic constraints were applied to the control problem to eval-
uate the feasibility of actually implementing this control approach.
The mass of the controller was not to exceed 25% of the total mass
of the fairing, which was taken as 63.6 kg in this study. It was as-
sumed thatnearly all of the controllermass budget, 15.9kg, could be
allocated to the control actuators. Parameters for the control actua-
tors were taken from an off-the-shelf PMA, the Aura AST-2B-04. It
was assumed that the weight of the housing and the heat sink could
be reduced due to the relatively short duty cycle required during
launch. This resulted in an actual weight of 1.3 kg, which allows 12
actuators. It was also assumed that the maximum rms power limit
of 75 W could be relaxed to 100 W. An increased actuator constant
of twice the actual value was assumed to allow for improved ac-
tuator development. Therefore, the coil resistance and inductance
was also doubled. With the use of above-average actuator param-
eters, the subsequent simulations should provide an upper bound
on achievable controller performance for this constrained control
approach.

Because 12 actuators were used in controlsimulations, 12 optimal
locations were computed to minimize the acoustic response in the
subvolume shown in Fig. 1. Open-loop comparisons were made
to determine the effectiveness and optimality of the 12 selected
actuator positions. The effectiveness was quantified by the ability of
the actuatorsto generate a responsein the fairing subvolume, which
indicates coupling and control authority. After the random input
signals acting on the 12 actuators positionedat the optimal locations
were simulated, the spatially averaged pressure response in the sub-
volume was computed. This was compared to simulations using
the same random inputs with the actuators positioned at arbitrary
locations on the structure. Over 300 sets of actuator positions were
tested, and, on average, the optimal locations generated 1.35 times
the rms pressure response in the subvolume.

Finally, it was assumed that collocated out-of-planedisplacement
sensors with negligible dynamics could be integrated into the hous-
ings of the proof-mass actuators.

Optimal Control Law Design
LQG optimal control laws were designed to minimize a perfor-
mance index given as

J =/{zTQz+uT’Ru}dt (19)

where @ and R are weighting matrices. Because the state vector
includes both the radiation states and the structural states, control
effort can be directed at any combination of these quantities. The Q.
matrix was assembled so that only the acoustic radiation states were
used in the performance index. Defining the Q matrix as such has
been shown in a previous study to be more efficient than a uniform
weighting of structural and acoustic states when the objective is
to control interior acoustics.””> The weighting matrix R was used
to balance control effort against the state performance metric to
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compute a control law that satisfied the power constraints, that is,
less than 100 W per actuator.

Because neither the acoustic states nor the structural states were
sensed directly, it was necessary to formulate an optimal estima-
tor, or Kalman-Bucy filter (see Ref. 13). The optimal estimator al-
lowed the reconstructionof the states, including the radiation states,
from the structural sensor outputs. The estimated states were then
combined with the control law to generate the control signals. To-
gether, the control law and the state estimator formed the dynamic,
multi-input/multi-outputfeedback controllersthat were used in sub-
sequent simulations.

Disturbance Modeling

Because one of the objectives of this work was to calculate the
power necessary to suppress acoustic transmission under realistic
conditions,it was importantfor the assumed disturbanceto be acous-
tic in nature (as opposedto simply a broadbandrandom input) and of
large amplitude. Because of the complexity of the launch problem, it
isnotpossibleto get a goodrepresentationof the acousticsat launch.
However, because a reverberant room test would almost certainly
be an intermediate step before a full-scale test of this technology, a
disturbance representative of a reverberation test was modeled.

It was assumed that the acoustic field within the cavity domi-
nated the fluid-loadingimpedance on the structure, which is already
included in the fully coupled model. The disturbance can then be
modeledas the blocked-surfacepressurefield and appliedto the fully
coupled model as an external pressure input. To find the blocked-
surface pressure field, additional acoustic fluid elements were gen-
erated on the exterior of the fairing structure, which where then
modeled as contained within a rigid-wall room of the same geo-
metry of the fairing, but scaled up, as shown in Fig. 6. A constant
volume-velocity source was included in one corner of the test room
to create an acoustic disturbance. This disturbance model produced
a temporally and spatially varying pressure disturbance acting at
each node of the fairing structural model.

Because the frequencyrange of interest was below 300 Hz, it was
necessary to make the acoustic elements in the room have charac-
teristic dimensions significantly less than the shortest wavelength
of sound, 1.14 m, assuming the sound speed to be 343 m/s. Because
it was desired to have relatively diffuse sound in the majority of
the frequency range of interest, it was also necessary to make the
room dimensions relatively large so that the first room resonance
was relatively low. Computational limitations constrained the re-
sulting room dimensionsto 17.8 x 5.17 m. An automeshing routine
with an average element characteristic length of 0.25 m generated
119,241 fluid tetrahedron elements in the space between the rigid
room walls and the fairing structure. The first room resonance cal-
culated for this geometry was 11.7 Hz. There were 1185 acoustic
modesin the frequencyrangeup to 300 Hz, indicatinga fairly diffuse
sound field.

A random disturbance was injected into the acoustic source for
the first 0.5 s and set to zero for the remaining 4.5 s. The result-
ing time histories of the pressure response at all of the structural
node locations (1122) were stored and used as inputs to the coupled
structural-acoustic system in the open-loop and closed-loop sim-
ulations. The amplitude of the disturbance was scaled so that the
spatially averaged rms pressure transmitted to the subvolume was
consistent with the interior acoustics for small- or medium-sized
launch vehicles (2140 dB). Figure 7 presents the power spectrum

acoustic
source

fairing

8m  Fig. 6 Geometry of the disturbance
rigid model.
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Fig. 7 Power spectrum of the disturbance at a representative point on
the fairing.
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Fig. 8 Power spectrum of the transmitted pressure at a representative
point in the subvolume.

of the pressure acting at a representativestructural node pointon the
fairing model in response to the disturbance inputs. Figure 8 shows
the power spectrum of the pressure response within the subvolume
at a representative point.

Simulations were conducted using MATLAB®* t0 compute the
open-loop and closed-loop acoustic response, structural response,
and the voltage and current applied to the actuators. From these
measurements, the power supplied to the control actuators and the
rms pressure reduction achieved across the control bandwidth was
computed.

Results

Mounting the proof-mass actuators on the fairing wall changed
the structural-acoustic dynamics seen by the disturbance input,
which results in some level of transmission loss. To determine the
passive effects of the PMAs, a simulation was performed with no
control inputs. The response at a representative point within the
subvolume to the disturbanceis shown in Fig. 9 for the case of no
PMAs includedin the structural model and with 12 PMAs attached
to the fairing structure. An overall spatially averaged rms reduction
of 3.54 dB was calculated due to the passive effect of the PMAs.
This reduction is attributable to three predominant mechanisms.
First, there was the addition of structural damping into the lightly
damped structuralmodes by the heavily damped PMAs. In this case,
the damping of the structural modes with no PMAs was assumed
to be 1.5%, and the damping of the PMAs was calculated from the
manufacturer’s data at 10%. Second, the back-emf, whichis propor-
tional to the out-of-plane velocity, also contributed damping to the
coupledsystem. Third, the introductionof a spring-mass-damperat
apointof large out-of-planedisplacementin the dominantstructural
modes reduced the effectiveness of those modes in transmitting the
acoustic disturbance to the fairing interior.!>~!

The selection of the controllerdesign parameters Q and R deter-
mines the performance and control effort of the control law. Several
choices for the weighting matrix @ were tested with the best per-
formance resulting from
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Fig. 9 Comparison of responses at a representative pointin the fairing
subvolume with and without actuators attached to the fairing (no control
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Fig. 10 Comparison of the open-loop and closed-loop responses at a
representative point in the fairing subvolume for the power constrained
control law.
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Fig. 11 Plot of the spatially averaged rms pressure reduction attain-
ablein the fairing subvolumeas a function of maximumallowed actuator
power.
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Several simulations were performed while varying the control-effort
penalty R until the maximum rms power delivered to the actua-
tors was close to, without exceeding, 100 W for each actuator. The
spatially averaged rms pressure reduction of the closed-loop sys-
tem using the constrained control law was computed to be 4.2 dB.
Figure 10 presents the response spectrum at the same interior point
as that used in Fig. 9, but for the case of the closed-loop system.
The response is compared to the open-loop (no control input) fre-
quencyresponse.Itis apparentthat at this representativepoint, there
was very little differencebetween the open-loopand the closed-loop
pressureresponse.In fact, at some frequencies,the responseactually
increased. Although the closed-loop system yielded approximately
4.2 dB of overall rms reduction over the bandwidth (300 Hz), the
passive effects of simply attaching the PMAS to the fairing structure
produced near this level of attenuation.

InFig. 11, the spatiallyaveragedrms reductionis plottedas a func-
tion of the maximum rms power supplied to the actuators. Figure 11

illustrates that, even if the power limit is increased to 200 W per
actuator, the estimated reduction only increases to approximately
4.45 dB.

Conclusions

This work presented the essential components needed to ex-
plore the physics of the launch vehicle noise problem. The use of
a modal-interaction approach provided a multiple-input/multiple-
output state-space model that related the out-of-plane structural
modal velocity inputs to the spatially varying pressure in the fair-
ing. The modal-interactionapproach allowed the decomposition of
the acoustic response into radiation modes, which proved to be es-
sential for determining optimal placement of sensors and actuators.
The model showed good agreementwith finite element models of the
fully coupled system. A method for coupling the dynamics of the
proof-massactuatorsinto the model was also presentedand provided
a means to measure the actuator power requirements.

Reasonable constraints were applied to the active control ap-
proach, which limited the mass of the controller and the power
availableto the controller. Open-loop simulations demonstrated that
the passive effects provided by simply coupling the actuators to
the structural-acoustic model provided an approximately 3.5-dB
reduction in the spatially averaged rms interior response over the
300-Hz bandwidth. Closed-loop simulations using the constrained
controller achieved an approximately 4.2-dB reduction in the re-
sponse for the same bandwidth. The additional weight and com-
plexity required by the active control system hardly seems justified
for such a small amount of improvement. Remember that this con-
clusion is valid only for the specific configuration of this study
and cannot be generalized to all approaches for active control of
launch vehicles. A much more practical solution to this problem
would seem to be to optimize the passive effects of the proof-mass
actuators as vibration absorbers or tuned-mass dampers. Because
robustness of the controller in the presence of uncertainty between
the experimental hardware and the model was not considered, the
control simulation results represent the best results that could be
hoped for in a hardware implementation. There is room for opti-
mization in the design of the proof-mass actuators for this problem,
but even a factor of 2-3 improvement in the force-to-power effi-
ciency of the proof-mass actuator would not significantly increase
the reduction in transmission over the passive effects.
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